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Abstract.
The convection induced by both the temperature gradient and inertial source within square enclosure has
been studied. The natural convection effect is attained by temperature gradient between left and right wall (hot
and cold respectively). In order to investigate the effect of fan location, three different positions are considered.
The study has been carried out by solving numerically momentum and energy equations with the boussinesq
approximation. The governing equations have been solved using the ﬁnite volume approach, using SIMPLER
algorithm on the collocated arrangement. The study has been carried out for the Reynolds number based on the
fan diameter in the range of 10≤Re≤200, with Rayleigh numbers 10≤Ra≤10+6 for three fan position LF=0.2, 0.5
and 0.8, while Prandt number is kept at 0.71. Results are presented in the form of streamlines, isotherms, and
average Nusselt number. The results show that the average Nusselt number increases with increasing in
Reynolds number in forced convection regime.
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1. Introduction:
The convection induced by both the temperature gradient and inertial source within enclosure has been
studied in due to several practical applications. The most interests of these flows are encountered in several
domains such as cooling of electronic equipment’s, solar collectors manufacturing, pollution removal and
building sciences. In these situations, the interaction between the buoyancy driven and inertial source flows
inside the cavity gives complexes convective regimes, and the overall transport patterns can be very different
from those driven by the temperature gradients alone.
Among the first studies on the mixed convection in ventilated cavities, we mention by Baines and Turner
[1] in closed space. In the case of opened cavity, Woods et al. [2] shows the existence of two main regimes
(displacement and blocked regimes) of ventilation by changing the rate of flow. The same regimes are observed
by Allano et al [3], by changing the dimension of the opening zone. Papanicolaou and jaluria[4] presented
numerical results of the influence of the thermal conductivity, Richardson and Reynolds numbers on the average
Nusselt number induced by mixed convection within enclosure. Overall, they found that the heat transfer
increased with increasing this controlling parameters. By adding a heat sources, in the ventilated rectangular
cavity, the same authors (Papanicolaou and jaluria[5]) showed that the location of the sources strongly influences
the flows structures, and a oscillatory behaviour was obtained for Gr/Re²=50. The influence of this parameter
(Gr/Re²) on the heat transfer is also demonstrated by Hsu and Wang [6] in the case of mixed convection within
cavity with two ventilation ports. Raji et al. [7] studied the mixed convection heat transfer in a ventilated cavity.
The numerical results showed the presence of a maximum interaction between the effects of the forced and
natural convection, with the existence of different flow regimes, delineated in the Ra-Re plane. Bhoite et al.[8],
deals with the problem of mixed convection in shallow enclosure with series of heat generating components;
they showed that higher Reynolds numbers tend to create a recirculation region of increasing strength at the core
region and that the effect of buoyancy becomes insignificant beyond Re = 600. Using the LBM method, Mehrizi
et al.[9] investigate the effect of suspension of nanoparticles on mixed convection in square cavity with inlet and
outlet ports and hot isothermal obstacle; the authors showed that the heat transfer rate is enhanced, except for
Richardson numbers greater or equal to 10.Belgen and Muftuoglu [10] studied cooling strategy in square cavity
with ventilation ports and discrete heat source; they determined the optimum hoter position by maximizing the
global conductance at different Rayleigh and Reynolds numbers. They found that the hoter position is off
centered in all cases, its optimum position is insensitive to the variation of Ra and Re, and it solely depends on
the ventilation ports arrangement, and The Nusselt number depended on the variation of the Richardson number.
On the basis of the literature review, it appears that several investigations (Calmidi and Mahajan [11], Mamou
[12], Bouriche [13,14], Singh and Sharif [15]) analyzed a number of governing parameters in natural or mixed

convection in open cavities, including thermal sources, fluid properties, supplying fluid velocities and dimension
or location of ports.
In the case of closed cavities, no work was reported on mixed convection in ventilated enclosure induced
by internal inertial sources. Indeed, the existence of a dynamic internal source will create interaction with the
thermal forces, induced by differential heating; causing the creation of a mixed flow. Hence, the aim of the
present work is numerical analysis of a mixed convection in ventilated cavity (induced by the inertial source) and
differentially heated, using the Finites Volumes method. We focus on the influence of various physical and
geometrical parameters on the flow structures that can occur in the heat exchange, while demonstrating the
existence of critical operating parameters.The main objective of this study is to analyze the effect of the forced
flow on the natural convection cells and the flow profile, for various values of Reynolds number and different
fan positions, and determine a position, of source ventilation; witch gives the maximum value of Nusselt number
Nu for Rayleigh and Reynolds numbers.

2. Physical problem and governing equations:
The configuration under study is showed in Fig.1, and refers to the two-dimensional (2D) flow in a square
cavity of L×H dimensions, and an enclosure aspect ratio A=L/H=1. The cavity is heated differentially along the
right and left vertical wall (Th and Tc respectively), where the horizontal walls are insulated (Adiabatic). A
volumetric fan, of diameter "D" and thickness "E", is placed in the middle axe of the cavity at three positions
(X=0.2, 0.5 and 0.8). This fan operates in the vertical direction in order to ensure the cooling of the hot wall; his
wheel turns at constant angular velocity ω. As a result, a pressure gradient "P" is created and modeled in our
work, as a momentum generation in the Navier-Stokes equations. The axial and radial aspects ratio are
considered constants (B=C=1/20). We will investigate the influence of Rayleigh and Reynolds numbers of [1,
10+6] and [10, 5x10+2(or 200)] respectively, Prandt number of 0.71.

Fig. 1: Physical model
The flow is considered laminar, incompressible and the Boussinesq approximation has been applied. The
overpressure P produced by the fan is represented explicitly in momentum equation of (oy) coordinate direction
by: [+P/E], where E is the fan thickness. The dimensional governing equations can be written as:
Continuity equation:
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Energy balance equation:
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The imposed boundary conditions, in terms of temperature and velocity, are similar to those of the natural
convection flow in a rectangular cavity:
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v(0, y) = v(H, y) = v(x, 0) = v(x, H) = 0

(6)

T(0, y) = Tc , T(L, y) = Th ;

Referring to Fig. 1, the dimensionless variables are:
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The dimensionless governing equations will be written as:
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Where R 𝑡 denotes the dimensionless Rateau pressure invariant. It represents the relationship between the
2
pressure difference (P) and the kinetic energy ρVfan
produced by the ventilator.
The dimensionless numbers are:
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The average Nusselt number at heated walls was calculated as follows:
H
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3. Numerical method:
All of the governing equations were transformed into sets of algebraic equation based on the finite
volume method. The staggered grid system was used. In order to handle convective and diffusion terms, the
power law scheme was employed. The SIMPLER algorithm was used to couple the velocity, pressure and
temperature fields. In order to get the convergence for all problems, the smaller under-relaxation factors were
employed, especially for momentum equations in the cases of higher values of Reynolds number (Re=200). The
under-relaxation factors taken are 0.1 for momentum equations and 0.8 for pressure and temperature. The
convergence criterion in each case was (Φi+1 − Φi )⁄Φi ≤ 10−6 , where Φ can stand for any of the dependent
variables (v,u,p,T) and i denotes the iteration number.
In this study uniform grid spacing was employed. In order to determine the proper grid numbers due to
accuracy, a grid independence test was conducted for a particular case. Four different grid sizes were tested in
the case where 𝑅𝑎 = 106 𝑎𝑛𝑑 𝑅𝑒 = 0. Nusselt number Nu is used as the sensitivity measure of the accuracy of
the solution; the results are presented in table 1

Table-1: Sensitivity of the results to the number of nodes.
80x80
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140x140

Re=0
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8.854

8.836
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Erreur %

0.48

0.21
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-

Comparison of the Nusselt number values in the four different cases suggest that two grids size gives
nearly the same results (deviation less than 0.12 %). Considering the accuracy, the 120x120 grid size was
employed for all calculation.
To make sure that the developed code is performing, a validation test was conducted. Calculations for an
air filled square cavity without ventilator for Ra = 103 to 106 were carried out, and the results are shown in
table 2. Data from the table shows that the results of the code are very close with those found in previous
publications. The maximum difference is 1.26%, and probably caused by the different grids sizes, uniformity of
mesh and the computational process.

Table-2: Comparison between results of this work and previous works.
Reference
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1. Results and discussion :
1.1. Stream function and isotherms
Fig.2 shows the flow structures (stream lines functions) and isotherms according to Rayleigh and
Reynolds numbers for the fan position LF= 0.8. We notice the presence of a symmetric bi-cells structure for low
values of the Rayleigh and Reynolds numbers, characterized by two dominant forced convection cells which
occupy the entire cavity (i.e. Re=10 & 50). Gradually, as the forced convection is enhanced by increasing the
Reynolds number (i.e. Re=100), two Secondary cells appear in the upper corners. When the air jet becomes more
intense (Re=2×10+2), two small cells are developed by decreasing the size of the two principal cells.
When the Rayleigh number increases, the state of the flow structures remains dependent on the Reynolds
number value. For low Reynolds number (low forced convection Re≤10+1, the bi-cells structure disappears to
give rise to the flow structure characterized by a single cell that turns counter-clockwise on account of the
thermal gradient direction. In this situation, the flow is by natural convection with a thermal boundary layer
profile.
With increasing of Reynolds number, this figure shows that multicellular flow begins losing its symmetry
progressively as the right cell develops to the detriment of its counter-rotate one. This spatial competition
between natural and forced convection continues even for Ra = 10+6, where we see the presence of a contrarotating cell.
The isotherms corresponding to the different control parameters (i.e. Re, Ra; Reynolds and Rayleigh
numbers) lie between 0 and 1, minimum and maximum limit of the dimensionless formulation with 0.1 between
two successive isotherms. Unlike the case of the pure natural convection, Fig.2 shows the absence of the thermal
stratification within the cavity except for low Reynolds number (Re=10+1) where the thermal distortion is
reduced. We also note that the temperature distribution is in conformity with the fluid flow revealed by the flow
structures (streamlines). This fluid flow tends to twist the isotherms and transport them depending on the
direction of the fluid movement. When the natural convection is dominant (i.e. Ra≥10+6), the isotherms are
similar to those of natural convection type and the effect of the ventilation becomes negligible and its influence
is limited only in the vicinity of the fan.
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Fig.2 : Stream function and isotherm as function of Reynolds and Rayleigh numbers for LF=0.5 et HF=0.8

To analyze the effect of the horizontal position on the flow structures and the isotherms, two horizontal
fan positions were selected LF=0.2 and 0.8 with the vertical position HF = 0.8, and Are shown in Fig.3 for
different Rayleigh and Reynolds numbers.
For low Rayleigh number values (i.e. Re≤10+4), we see that the flow structure is composed of a single
forced convection cell that occupies the entire field, so that low intensity cells are trapped at the four corners of
the cavity. For LF=0.2 the motor cell rotates in the anti-clockwise direction (the same as the buoyancy forces),
whereas for LF=0.8 the cell is counter rotate.
When the Rayleigh number increases, the state of the flow is dependent on the Reynolds number and the
horizontal position LF. For the low values of Re (i.e. Re≤10+2), the motor cell disappears completely to give rise
to a flow characterized by a single natural convection cell. In this situation, the flow is of boundary layer type,
except for the case (Re=200 and LF=0.2) where the motor cell dominates the flow and does not bifurcate. This
cell is a combination of the ventilation jet and the buoyancy forces. In this situation, the two forces are
cooperating.
For LF=0.8 the rotation direction of cell ventilation is opposite to that imposed by buoyancy forces. As a
result, the motor cell is bifurcated and its intensity decreases with the increase of Rayleigh number. For Ra=10 +6,
the effect of ventilation is summarized in the presence of a recirculation cell near the ventilator.
The evolution of isotherms corresponding to the different control parameters (i.e. Reynolds and Rayleigh
numbers, as well as the position LF) show that, contrary to the case of LF pure natural convection, the absence of
thermal stratification within the cavity, which is replaced by strong distortions. It is also noted that the
distribution of the temperature is in accordance with the fluid circulation revealed by the stream function. This
circulation tends to twist the isotherms and transport them as the direction of the fluid circulation. When the
buoyancy forces are higher (i.e. Ra=10+6), the isotherms are similar to those of natural convection type, and the
ventilation effect becomes negligible and is limited to the vicinity of the ventilator for LF=0.8. Whereas for
LF=0.2 and Re=200, we notice the absence of thermal stratification and the isotherms are more distorted. In this
case, the two forces (dynamic and thermal) are cooperating and the isotherms are tighter near vertical walls,
Which makes the greatest transfer rate.
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Fig.3 : Stream function and isotherm as function of Reynolds and Rayleigh numbers for LF=0.5 et HF=0.8
1.2. Heat transfer
For low values of Re number, the heat transfer evolution (Nusselt number) is independent of the Re
number, characterized by a horizontal line, and this despite the influence of this latter on the flow structure, but
not on the isotherms. It should also be mentioned that in this situation (Re = 10 + 1), the fan position change has
no influence on the heat transfer and its effect is barely perceptible, whatever the Rayleigh value is. It should be
mentioned that in all cases, beyond a certain value of Rayleigh number, the influence of the fan position on the
heat transfer is negligible and the evolution of the Nusselt number is similar of that of natural convection. In this
situation (high values of Ra), the flow tends towards a boundary layer structure and the importance of the forced
convection effects tend to disappear.

The effect of the horizontal position L F on the Nusselt number is illustrated on the Fig.4 as a function of
the Rayleigh and Reynolds numbers. Three positions were chosen LF=0.2, 0.5 and 0.8 with HF=0.2. In general,
the position LF=0.2 gives slightly higher values for Re=10. This advantage is due to the fact that the thermal and
dynamic forces are cooperating. At Ra=10+4 the flow tends towards a boundary layer structure and the
importance of the forced convection effects disappear.
When Re number increases, the heat transfer intensifies and the forced convection is dominant, so the
Nusselt number value is always higher for the eccentric positions (i.e. LF=0.2 and 0.8).
For Re=100 and 200 the forced convection regime is dominant until a critical Rayleigh value "Rac"
which depends essentially on the couple of parameters Re and LF. When Ra number increases again (i.e. Ra>
Rac), the Nusselt number curve is uniformly increasing for HF=0.2, whereas it is disturbed for the positions
LF=0.5 and 0.8 under the effect of the bifurcation of the flow cells (.Fig.4). This passage is directly related to the
rotation direction of the ventilation cells (with or against that imposed by the temperature gradient).
In the forced convection mode, the best heat transfers are obtained for a maximum Reynolds number
Re=200, especially with the eccentric positions of the ventilator (LF=0.2 & 0.8). Thus for LF=0.5 and Re=200 the
heat transfer rate is almost equal to that found with LF=0.2 and 0.8, but with a Reynolds number reduced by half
(i.e. Re=100), i.e. a 50% saving on ventilation energy.
The Nusselt number curves for these last positions are superimposed for Re=10+ 2 and 200 (Nu = 4.11 and
6.04 respectively) and the heat transfer is improved by 27% and 31.45% (LF = 0.5) for the same values of Re.
This is the advantage of the unicellular profile of the flow under forced convection conditions.
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Fig.4 Heat transfer rate as function of Rayleigh number for different values of Reynolds number
and fan position LF.

Conclusion:
The study undertaken and presented in this work, focus on the numerical investigation of the laminar
mixed convection in a newtonian fluid flowing in a closed square cavity. In addition to natural convection
induced by the temperature gradient between the two active walls, an axial fan is introduced into the cavity and
modeled as a generator of momentum.
For the case of low values of the Reynolds number, the flow is similar to that encountered in the case of a
differentially heated cavity where a boundary layer develops at the hot wall causing the fluid upward. The results
show, according to the values of Re and Ra, two types of flows in space competition; the movement of the
natural convection and the forced convection for which flow is multicellular whose number of cells depends on
the Reynolds value and the fan position LF.
The heat transfer analysis shows that it intensifies with increasing Rayleigh number. The average Nusselt
number is sensitive to the value of the Reynolds number and position of the fan (the distance fan/hot wall), but
only for low Rayleigh number and this dependence disappears when thermal pulling increases and therefore a
high Ra.
For the forced convection mode (10<Ra<10+4), the heat transfer takes its optimal values (Nu=4.95) for the
pair (Re=200, LF=0.2), namely an increases compared to the positions LF=0.5 and LF=0.8 of 38% and 25%
respectively for the same value of Reynolds. In addition, this value is greater than that succeed in the case of
heating without ventilation with Ra=10+5. This is the benefit of heating with internal ventilation in a closed
cavity.

Nomenclature

A
B
C
D
gr
h
H
k
L
Nu
P
Pr
Ra
Re
Rt
T
U
V
x

aspect ratio
axial aspect ratio
radial aspect ratio
fan diameter
Gravity acceleration
Convective exchange coefficient
cavity height
Thermal conductivity
Cavity length
Nusselt number
Pressure
Prandtl number
Rayleigh number
Reynolds number
Rateau number
Temperature
horizontal velocity
vertical velocity
Longitudinal coordinate

y
β
p
ν
μ

Vertical coordinate

ε

Thermal expansion coefficient
density
cinematic Viscosity
dynamic Viscosity
error

Indices
c
h
F

cold
hot
fan
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